The mechanical resistance of structures is often the main purpose of classical active vibration damping studies. Sometimes, however, the mechanical resistance of structures is not problematical, and the real question is the decrease of the sound radiated by them. In this case, the minimization test should be chosen according to acoustic criteria, We use a finite element method to discretize the structure and a finite difference method to discretize the fluid. The efficiency of a classical minimization criterion to reduce the sound pressure level in a test room is evaluated. The mathematical model defined by Luzzato and Jean, 111, is applied in this new perspective.
LL DFFlNlTlON OF THF PROW FM
The configuration under study is described in figure 1. One of the walls of a room, which is called the test room; is modelled as a plate. None of the other walls is allowed to vibrate. The plate is submitted to an external load, the primary perturbating load, and therefore generates noise in the room. We want to apply to the plate a secondary antagonist load such that the sound pressure level in the room is reduced.
W. THEORFTICAL PROBLFM
We suppose that the fluid in the room is so light that its effect on the vibration of the plate can be neglected.
This assumption allows us to split the problem into two steps. The first step is the computation of the dynamic response of the plate to the primary and the secondary loads. This step includes the derivation of a feedback system based on an acoustic criterion. The second step is the computation of the sound pressure level in the test room. . . . The configuration of the mechanical system is described by an element u of a vector space U. The loads are represented by an element f of the algebraic dual F o f U. Let L be a linear mapping from U into 7.
( 1 ) In our case, f can be splitted into a vector fe describing the primary load and a vector f , describing the secondary load. Mathematically, the feedback system is a linear mapping which to every continuous velocity field u associates a suitable continuous load fc. In practice, u is measured with q transducers and fc is applied to the plate with r exciters. Let $ denote the set of complex numbers. Let B denote a linear mapping from U into $4, associating to vector u E U, a Set of q complex numbers. 8 describes the behavior of the transducers.
Let D denote a linear mapping from Gr into F, associating to a set of r complex numbers, a vector fc E U. D describes the behavior of the exciters. Let S denote a linear mapping from $q into Gr. g is the amplification system. This active vibration damping system is represented in figure 2. should therefore lead to a reduction of the mean quadratic pressure in the room, if not to its minimum. The minimization problem can be stated as follows I11 :
To find 9, a linear mapping from $q into Gr,
where
We make a pure tone analysis of this problem so that all the variable fields such as the acoustic pressure and the velocity fields, are multiplied by e-Jwt, where w denotes the excitation pulsation. In our case, the linear operator, L, is the bending vibration operator :
Where E denotes the Young modulus, v the Poisson's ratio, Ms the mass per unit area, h the thickness of the plate. It is assumed that the plate is thin enough so that both the stress normal to the mid-surface and the shearing stresses can be neglected. Kirchhoff's theory for plate bending is then used. We now apply the classical mathematical model 121, which underlies all approximation processes, (modal analysis, finite element method...), to approximate the continuous solution, u, of equation (2). The basic linear bidimensionnal finite element, the Adini's rectangle 131, is used. u is expressed in terms of the corresponding set of basis functions, Ep, Ep= (el, ee, e3, ....... : , ep), where p denotes the order of truncation of the approximation process.
U Z E~U~ (6)
Where UP is a vector containing the nodal velocities, the nodal derivatives of the velocities with respect to the x direction and the nodal derivatives with respect to the y direction. The principle of virtual powers leads to the equation for the bending vibration of the plate, approximated by the finite element method :
11 accounts for the structural losses that take place in the plate as it vibrates. KPp and M P p denote respectively the stiffness matrix and the mass matrix. DPr is a rectangular matrix, with p rows and r columns, representing the linear mapping D. F P is a vector representing the primary load and GTis the unknown vector in our minimization process. Equation (7 ) can be rewritten as :
The approximation process leads to the following approximated matricial expression of flu).
J(u)-up * z:up
U P * denotes the complex conjugate of UP. ZPpdenotes a matrix, proportional to IMPp, whose general term is : " ~j = J i e : cj dn ( 1 0 ) Replacing U P into equation (9) by its expression derived in equation (a), we obtain the expression of J(u) in terms of vector Gr. The minimum of 3(u) is reached for a value of GT, GrO, which cancels the derivative of Xu) with respect to GI. The calculus leads to the following expression of vector GTo.
Once Gro is determined, vector U P can be computed and the continuous velocity field, u, which mi&nizes J(u) is approximated using (6).
The room is governed by the Helmholtz equation : ( A + k 2 ) p = v Where p denotes the acoustic pressure field, k denotes the wave number and v denotes the velocity field. As in the case of the plate, we apply the approximation process, 121, to solve equation (12) Once p n is computed, an approximation of p is obtained in al! the room, using equation (13).
IV. MAIN RESULTS
The numerical package was run for o = 408 Hz, using the following data :
-Data for the test room ; Lx=3.5 m, Lz=3.5 m, Ly=5 m. 2, the specific complex impedance of the walls, including the plate, was taken equal to, Z = (1000, -1). The only source in the room was the vibrating plate. The program was successively run for 9 configurations. Configuration nOO included no counter-exciter.
Configuration nOi included the i first counter-exciters of the list defined in figure 3 . The computations results, in terms of J(u) and of the average Sound Pressure Level, ASPL, in the test room, are summarized in figure 4 . ASPL is defined as :
. , As one can see in figure 4 , ~( u ) is, as expected, a decreasing function of the number of counter-exciters. Such is not the average sound pressure level in the test room. The ASPL increases slightly when one adds counterexciter number 3 or counter-exciter number 8.
V. CONCLUSION
The minimization criterion that we chose proves to be satisfactory in so far as its application involves large reductions of the average Sound Pressure Level in the test room. Other criteria, such as the minimization of the weighted quadratic form a p ) , defined hereafter,
( 1 7 ) with u denoting the volume of the test room, would certainly prove more efficient. One should note that minimazing N p ) , as one usually does in active noise control, is more difficult when the counter-exciters are shakers instead of loudspeakers. In our case, the best functional to minimize might nevertheless be the integral over the plate surface of the active intensity radiated by the plate. The practical application of such a criterion would require the use of intensimeters instead of the classical microphones and accelerometers. 
